The unsteady 3D flow fields in a single-stage transonic compressor under designed conditions are simulated numerically to inves- 
1 Introduction * Over about half a century, as an important means to control endwall secondary flow and shock wave, the blade curving and sweeping technology have been widely employed to achieve higher efficiency and larger stall margin in compressors and fans. Researchers in and outside China have also made certain achievements through numerical and experimental investigation in this field. Wadia et al [1] investigated the influences of a forward and backward swept transonic fan on the shock waves and the total performance with both numerical and experimental approaches. The results confirmed that using forward swept blades was helpful to acquire a *Corresponding author. Tel.:+86-451-86412433. better efficiency and stall margin and to alleviate the interaction between the shocks and boundary layers. Bergner et al [2] designed a tip-forward swept transonic compressor rotor and discovered that rotor-tip forward sweep extended the distance between the leakage vortex originating position and the tip shock so as to delay the leakage vortex breakdown thus resulting in a larger stall margin. Sasaki [3] and Breugelmans [4] [5] investigated the effects of swept and curved compressor stator cascades in a lowspeed wind tunnel experiment. The results revealed that forward-swept and positive-curved blades could effectively delay the corner stall and weaken the endwall secondary flow. Recent researches have found that the unsteady flow inside the blade passages had remarkable effects on the aerodynamic performance and structural intensity of the compressor. Since the inception of the 1980s, the study on the unsteady flow has been extended from the single stage to the multi-stage. Evans [6] , Walker [7] and Pfeil [8] proved experimentally that the unsteady flow could induce the boundary layer transition and accordingly affect the energy transfer inside the passages. Halstead [9] carried out series of experiments in a large-sized compressor and a low pressure turbine. He discovered essential effects during the wake passing including the occurrence of boundary layer transition as the wake passing the blade surface; the elimination of laminar separation bubbles and the presence of "calming region". Williams [10] researched a highspeed multistage axial-flow compressor. The results showed that the velocity field at the stator outlet was affected by both upstream and downstream rotors.
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The transonic axial flow compressor under investigated is developed from a low bypass-ratio turbofan. In order to make up the lack of the experimental or numerical investigation, this paper presents a numerical simulation of the effects of the curved rotor on the unsteady flow field in a single stage transonic axial compressor. The aerodynamic rotor/stator interaction is analyzed in detail with an emphasis laid on the variation of the rotor wake migration, of the unsteady pressure disturbance on the blade surface of the downstream stator and of the stage aerodynamic performance with the curved rotor. The results prove beneficial for understanding the unsteady aerodynamic characteristics of curved blades.
Numerical Procedure

Single stage transonic axial compressor
The single stage transonic compressor includes 21 rotors and 24 stators. The hub and casing radii are 40 mm and 75 mm respectively. The chord length at the mid-span of the rotor and the stator are 21 mm and 25 mm respectively. The rotor tip clearance is 0.3 mm. The designed rotating speed is 42 000 r/min. The total pressure ratio and the efficiency are 1.2 and 81% respectively. The designed mass flow rate is 2.43 kg/s. The curved rotor is designed based on a parametric study. Compared to the ORI (original rotor) in Fig.1(a) which is represented by the word "baseline" in the following, the curved rotor, denoted by BSW (bowed and swept rotor), shown in Fig.1(a) , was forward swept and positively curved at 40% blade height with a curving angle of 20° and a sweeping angle of 15°. The profiles of the curved rotor, as shown in Fig.1(b) , are also optimized in order to improve the aerodynamic performance at the mid-span. The detailed design process and the performance comparison between the baseline and the curved rotor are presented in Ref. [11] . 
Numerical solver
The numerical simulation was performed by using the commercial viscous solver FINE TM / TURBO developed by the MUMECA Company to solve three-dimensional steady/unsteady NavierStokes equations. The spatial discretization scheme is of second-order upwind in combination with the flux difference splitting scheme, and the forth-order Runge-Kuttag method was used. To accelerate convergence, three levels of multi-grid were used. The turbulence model was accomplished with one-equation Spalart-Allmaras model.
Calculation grid and boundary conditions
The multi-block H-O-H grids used for simulation are created with Numeca/AutoGrid. Both the baseline and the curved rotor stage used the same grid topology and boundary conditions. As shown in Fig.2 , the total stage grid number is 618 190 with y + of Section 2.2 to control the grid density near the walls. The incoming flow runs in axial direction with the inlet total temperature of 288 K and the inlet total pressure of 101 325 Pa. Given the static pressure at the mid-span of the stage exit, the radial equilibrium equation is used. The boundary condition for the blade surfaces is assumed to be of non-slipping and that for the solid endwalls adiabatic. 
Parameters for unsteady calculation
The dual time stepping technique was introduced in the unsteady calculation with the essential idea that a certain amount of iterations was performed at each physical time step in pseudo time which produced a converged solution independent of the pseudo time. The technique used an implicit scheme which enabled the physical time step to be taken a larger value. The unsteady calculation used the domain scaling method to perform the single passage calculation where the position of rotor grid varied along with the physical time step. The number of the physical time steps to perform is 30, each corresponding to one of the relative angular positions of the rotor to the stator. The domain scaling method required each blade row in the mesh to cover the same circumferential distance. This made the number of the stator blades to be changed from 24 into 21. Fig.3 compares the compressor performances in terms of the experimental and numerical results at the designed speed. The numerical results were obtained from a steady simulation. Both experimental and numerical compressor performances have a common tendency, but they show some distinction meaning a significant difference occurring under the nearby choke condition. The numerical results also show that, compared to the baseline, the stage efficiency and the stall margin at the designed speed increase by 3% and 40% respectively profited from the curved rotors. The mass flow rate changes a little, less than 0.4%, while the total pressure ratios of the baseline and the curved rotor stage are very close. The design points of the two compressors in Fig.3 are chosen for the unsteady calculation. Fig.4 illustrates their time-dependent distribution of the stage efficiency and the total pressure ratio. Between the periodic fluctuation waves of the efficiency and the pressure ratio of the baseline and the curved rotor stage, there is observed to be a 50° Fig.3 The compressor performance at the designed speed. phase shift because the curved rotor has changed the phase of the rotor wake and the upstream potential flow. This is bound to affect the exit flow field downstream of the stator and, finally, the total aerodynamic parameters. Table 1 lists the time-averaged performance parameters of the two compressors from the unsteady calculation with the fluctuation amplitudes of the parameters shown in Table 1 . Compared to the baseline, the stage efficiency of the curved rotor compressor increases, but the fluctuation amplitude remarkably decreases. This is attributed to the more uniform inlet boundary condition of the stator resulting from the more uniform loss distribution at the exit of the curved rotor in the radial direction [11] . Curving rotors have little effects on the time-averaged stage pressure ratios. The fluctuation amplitude of the stage pressure ratio is also much lower than that of the stage efficiency. 
Numerical Results and Discussions
Total performance of the compressor stage
Static pressure distribution profiles
The time-averaged static pressure coefficients, denoted by the solid lines, and their fluctuation amplitudes, denoted by both dash lines above and under the solid lines, in a single period are shown in Fig.5 , from which the fluctuation amplitudes and their chordwise ranges along the transonic rotor surface (Fig.5(a) ) are much lower than those on the downstream stator. Only the static pressure near the rotor trailing edge is somewhat affected by the downstream potential flow field. The shock at the tip of the curved rotor obviously moves downstream and becomes weaker in comparison with that of the baseline. This is favorable for increasing the stall margin and alleviating the boundary layer separation in the curved rotor compressor. It can be seen from Fig.5(b) and 5(c) that the static pressure fluctuation on the stator surfaces is much stronger than that on the rotor surfaces. The fluctuation on the stator surfaces downstream of the curved rotor at 95% span drops significantly in comparison with that of the baseline. However, the same is false of the curved rotor at 5% and 50% span. 
Root mean square static pressure distribution on stator surfaces
To clearly illustrate the variation of the static pressure disturbance on the stator surfaces of the two compressors, Fig.6 illustrates the root mean square static pressure distributions along the stator chord at three radial locations. It indicates the fluctuation intensity of the pressure on the blade surfaces. The abscissa in Fig.6 is the chordwise position relative to the leading edge at zero. The negative values are of the pressure surface, while the positive values the suction surface. The root mean square static pressure (RMS (p)) is defined as
where p is the time-averaged static pressure, p the instant static pressure, and T a single calculation period. As shown in Fig.6 , for the stator downstream of the curved rotor, the static pressure fluctuations are much weaker near the stator leading edge at 5% and 95% of blade height, but somewhat higher at 50% of blade height, so the static pressure distur- bance is more uniform in the radial direction at stator leading edge than that in the case of the baseline. Except for the stator leading edge, the static pressure disturbance on the stator pressure and suction surfaces at the tip is evidently weaker because the curved rotor reduces the rotor tip loss and weakens the tip leakage vortex, thus alleviating the static pressure disturbance on the downstream stator at the tip. Outside the leading edge area, the static pressure disturbance amplitude is subjected to little variation on the stator surface at 5% span and 50% span of the blade height. The contours of the RMS static pressure on the stator surface shown in Fig.7 clearly demonstrate the areas of high static pressure disturbance. Compared to the baseline, the areas of high static pressure disturbance on the stator of the curved rotor stage are smaller, and the disturbance amplitude is lower. This is beneficial for ensuring the intensity of the stator in the curved rotor compressor. Fig.7 Contours of RMS static pressure distribution on the stator surface.
Fluctuation intensity distribution
In order to make clear the cause of uneven radial distribution of the static pressure disturbance, rotor wake separately. They are the main sources of unsteady disturbance on the downstream stator. The fluctuation intensity distribution at the exit of the curved rotor obviously differs from that of the baseline in that, first, the fluctuation intensity in the areas of the tip leakage vortex and the hub corner separation becomes lower; second, the tip leakage vortex moves from the suction side to the pressure side at the rotor exit, and, third, the fluctuation intensity decreases at both ends of the rotor wake, but remarkably increases at the mid-span. The causes accountable for the above-mentioned variations can be summarized as follows: First, in the case of curved rotors, the loss in the rotor passage redistributes in the radial direction, which makes the loss decline near the two endwalls but increase at the mid-span, thereby weakening the fluctuation of two ends of rotor wake and enhancing the fluctuation of middle part. Second, the blade loading of the curved rotor decreases at the two endwalls thus making the tip leakage vortex and the hub corner separation weaken, and the tip leakage vortex move to the pressure side at the rotor exit. As shown in Fig.8(b) , the rotor wake together with the tip leakage vortex and the hub separation fluid are all divided into two parts by the leading edge of the stator when they pass through the downstream stator passage. As they flow downstream, they gradually mix up and dissipate. The curved rotor wake dissipates faster at the two endwalls than at the mid-span, and moves towards the hub under the influence of the radial pressure gradient, thus causing a high level of turbulence to take place on the middle and hub of stator surface. The tip leakage vortex and the tip core of the rotor wake decay much faster in the curved rotor.
Conclusions
Through the numerical simulation and the detailed analysis, it is found that the curved rotor has remarkably changed the unsteady flow field of the compressors and their aerodynamic performance. The main conclusions are as follows:
(1) Compared to the baseline, the phases of the stage efficiency and the time-dependent total pressure ratio fluctuation wave are shifted as a result of the phase shift of the rotor wake and the potential flow in the compressor with curved rotors. The stage efficiency is remarkably higher and the fluctuation amplitude is evidently reduced because the curved rotor lowers the endwall loss and increases the radial uniformity of the inlet boundary condition of the downstream stator. The results also show the presence of few of differences between the timeaveraged stage pressure ratios of the two compressors and the much lower fluctuation amplitude of the stage pressure ratio than that of the stage efficiency.
(2) In comparison with the baseline, in the curved rotor stage, the amplitude of the static pressure fluctuation decreases at the two endwalls, but increases at the mid-span near the leading edge. The radial distribution of the unsteady blade loading is more uniform, which is beneficial for ensuring the intensity of the blade leading edge.
(3) In the curved rotor, except for the stator leading edge area, the amplitude of the static pressure fluctuation decreases in the tip region of stator surface, but undergoes no obvious changes in the middle and at the hub. This is because, in the curved rotor, the dissipation of the rotor wake at mid-span is slower than at the two endwalls, and the rotor wake moves towards the hub under the influence of radial pressure gradient during the downstream migration. Therefore, a high level of turbulence exists at the mid-span and at the hub.
